In this study the sound radiation patterns and vibration characteristics of a torpedo-shaped structure are determined experimentally using a proof mass actuator to provide a nominally axial excitation of the model. Using this method the second energy path found in previous designed structures is eliminated. Input power and driving forces are measured using force transducers localized at the excitation device whilst the sound pressure and its directivity are captured by a spatially distributed microphone array inside an anechoic chamber. The vibration response and mode shapes are measured using an array of accelerometers contrasted by an hammer impace test and finite element modeling to investigate the free vibration response of the structure. Motivations for this work are to investigate the effect of the complex boundary constraints: a semispherical head and conical tail on the two meter long model when compared to existing analytical solutions for simple geometries, to investigate unforeseen effects of the practical structure, and later the measurement will be performed in an underwater experiment to contrast the effect of fluid loading.
INTRODUCTION
Underwater sound radiation is currently the primary method of submarine detection due to the ability of low frequency noise to propagate large distances without significant attenuation. Therefore understanding the mechanism of sound radiation signatures created by these bodies is of great importance in defense applications: to both predict and identify the signature of target vessels, and in the minimization of self-noise through design considerations and active control techniques [1] . There are three main components to the far-field acoustic radiation of the submarine: i) flow noise: sound generated aerodynamically by turbulence as water passes over the hullwhich is broadband in nature and considered to be dominant to the signature only at patrol speeds, ii) sound pressure caused by the displacement of fluid at the propeller in the forms of blade loading and thickness noise -presenting tones at the blade passing frequency and its multiples, and iii) sound radiation via the vibration of the hull which is excited by propeller shaft forces as the propeller passes through the non-uniform wake, and to a lesser extent hydrodynamic flow from the propeller (believed to be around 10-50% compared to the propeller shaft force [2] ). The excitation of hull vibration modes becomes a major source of low frequency tonal components in the submarine signature, and thus the prediction of the sound pressure originating from these modes is the subject of this paper.
Recent contributions to the open literature have used analytical and numerical approaches to investigate the sound radiation associated with axial excitation of submarine and torpedo shaped structures. In these studies the model is usually generalized as a simple torpedo shaped structure in order to simplify the analysis and avoid specific geometries that would unveil real submarine signatures. Current models developed by the University of NSW in conjunction with DSTO [3] [4] [5] utilize and compare two methods. The first is a semi-analytical approach which for the vibration response solves the cylindrical shell equations using a wave approach and conical ends using a power series solution, and then calculates the far-field sound pressure using a closed form Helmholtz integral. The second is a coupled Finite Element (FE)/Boundary Element (BE) model. Results from their study show that the n=0 breathing modes have a strong directivity in the axial direction. A perfectly symmetric axial excitation will excite only the breathing modes. In reality this is not the case and another semi-analytical investigation into the effect of eccentricity on the axial excitation [6] showed that that high order circumferential modes could be excited, thus significantly raising the sound pressure level with a directivity normal to the cylinder. Modeling done by the Naval University of Engineering China [7] follows a similar methodology on a SUBOFF geometry whilst attempting to use computational fluid dynamics to add the fluid path. These numerical models have been developed to take into account the effect of bulk heads, ring stiffeners and fluid loading on sound and vibration characteristics. An assumption is made that the breathing modes are significant to allow simplified mathematical analysis of the axisymmetric case. High order modes may be significant and were initially neglected in the FE model by Merz et al. [8] to which the analytical model has been compared as it uses an axisymmetric element with displacement and rotation in the circumferential directions set to zero. Cartesta et al. [3] used another FE model with 8-node bricks, yet only published the mode shapes resulting from an axisymmetric distributed load and not a free modal analysis. The effect of a pure axial excitation is expected to only excite the n=0 breathing modes, however, the higher order modes have been shown to be easily excited given an asymmetry in the exciting force, as is the case in the practical structure. also performed a numerical analysis.
The contribution of this paper is to provide experimental evidence to support the numerical modeling of propeller induced vibration, and identify any new issues which have not been accounted for such as the effect of complex coupling of the cylinder to the semi-spherical dome and asymmetries that exist in the practical structure, including the axial excitation force. Direct experimentation in open water to investigate the vibration characteristics of a submarine hull introduces a range of difficulties such as the need to account for reflections from the seabed and other unwanted noise sources. Therefore the experimental work will consist of two parts: an in air-measurement and later a controlled experiment using a reverberant water tank to contrast the two results and distinguish the fluid loading effect. An analytical approach has already been undertaken to characterize the effect of a modal coupling in a reverberant water tank [9] in anticipation of such an experiment. The current paper provides the result of the in-air excitation of a torpedo-shaped structure and rectifies an error in a previous paper [10] due to an additional energy path introduced by the excitation device which has now been avoided through the use of a proof mass actuator (PMA). The measured result is supported by the full modal analysis of an FE model of the structure for vibration the relative importance on high order mode shapes on sound radiation is discussed. 
TORPEDO-SHAPED STRUCTURE USED FOR EXPERIMENT
A torpedo-shaped structure was designed with the objective of being able to test sound and vibration characteristics both in air and while submerged up to 40 meters underwater. The structure is comprised of three separate steel pieces which are threaded together and sealed with O-rings: the cylinder, semi-spherical head and conical tail. Inside the model exists equipment for driving the proof mass actuator (PMA) along with some additional steel weights resembling the placement of ballast tanks -to make the model neutrally buoyant in water ( Figure 1 ). For the present experiment, the assembled structure is suspended from the top by two steel cables to simulate the free-free boundary condition inside the anechoic chamber. FIGURE 1. Torpedo-shaped structure 3D schematic diagram showing components believed to contribute to the response of the structure. The shaker pictured has been replaced with a proof mass actuator to avoid the mounting path to the cylinder.
Excitation of the structure via the on board PMA allows for easy measurement of the radiated sound field and a greater power input into the structure when compared to an impact hammer test. The size of the structure is chosen for convenience of the experimental apparatus, and hence the resonant frequencies will be different to a full size submarine, but are useful to provide comparison against a finite element model of the same size as this torpedoshaped structure. There are no bulkheads in the model which could alter the response. The physical parameters of the model are given in Table 1 . 
EXPERIMENTAL AND NUMERICAL INVESTIGATION INTO VIBRATION Experimental Configuration -Vibration Measurement
Two methods of vibration measurement are performed using accelerometers to attain the frequency response function: the first uses an impact hammer system as the excitation source, and the other uses the proof mass actuator (PMA) as the excitation source with force sensors located within the cone to measure the applied force to compute the Frequency Response Function (FRF). The purpose of using the two methods is for comparison: to check the natural response vs. axial response and to check the signal to noise ratio (SNR) of the experiment. It was found that the PMA required a narrow band frequency sweep for an adequate SNR as more power can be applied to the actuator with a sinusoidal excitation than a white noise signal. An array of 6 accelerometers is moved across 14 x 12 points along the cylinder and 6 x 12 points on the end pieces whilst the excitation source is repeated (Figure 2 ).
Using the frequency sweep, frequencies from 100 to 1000 Hz are applied in 1 Hz increments, holding the excitation for 4 seconds and extracting data from the last second only to ensure steady state response. The hammer impact provides a better comparison to FEA modal analysis since it does not favor axial excitation as strongly as the PMA. The excitation point for the hammer strike is the centre point of the conical end and 15 strikes were used for spectral averaging at each measurement point.
FIGURE 2.
Torpedo-shaped structure suspended in the anechoic chamber. Accelerometers can be seen mounted on the semispherical head piece. An impact hammer test was performed whilst repeatedly moving the accelerometers, and then the experiment was repeated using the PMA excitation source.
The equipment inside the structure sends the excitation signal to the proof mass actuator, and digitizes the measured signal from the internal force and acceleration transducers in the cone before sending it out to an external PC running LabView. The data acquisition device (DAQ) inside the structure is a 16-bit NI USB-6259 sampled at 20 kHz, and the external DAQ is a 16-bit NI DAQcard-6036E sampled at 20 kHz. The preamplifiers and external power amplifier apply a fixed gain to improve the SNR of the measurement. All equipment was calibrated immediately following the experiment. Figure 3 shows the equipment set up for the vibration measurement systems.
FIGURE 3.
Schematic showing the two systems for measuring the vibration response of the structure: (A) using the proof mass actuator, and (B) using the Impact Hammer test.
Finite Element Model
A finite element model was created using a commercial software package (ANSYS) to provide some comparison to the experimental measurement using a model of the same geometry and material properties, disregarding the internal equipment, damping and fluid loading. The finite element method allows for a numerical solution of the modal problem as breaking the structure into discrete elements, each with their own analytical expression, forms a linear system of equations. The system of equations which must be solved by the software becomes where is the vector of nodal displacements, ̈ is the nodal accelerations, is the mass matrix and is the stiffness matrix. It is easy to see that the eigenfrequencies ( = √ ) become inversely proportional to uniform scaling of the length of the structure about its centroid as ∝ 3 and ∝ . Therefore the resonant frequencies observed in the experiment can be scaled in this way to represent the response of a full sized submarine.
The elements used in this analysis are ANSYS type SOLID186 elements for the cylinder, and ANSYS type SOLID187 elements for the end pieces (Figure 4 ). These elements are very rich, and support quadratic displacement behavior and large deflection which overcome the over-stiffening effect of linear solid elements compared to the classical shell elements. A convergence analysis was performed on the mesh to a tolerance of 1% on the first natural frequency. Consistent mass matrices are chosen over lumped mass matrices for the elements so as not to underestimate the natural frequencies.
FIGURE 4.
Finite Element Model with 7049 elements (20-node SOLID186 elements comprise the cylinder and 10-node SOLID187 elements comprise the conical and semi-spherical ends, resulting in a total of 33169 nodes)
Comparison of Results -Vibration
The measurement shows five clear resonances in the 100 -500 Hz range, followed by another five in the 500 -800 Hz range when the FRF's are averaged over each section ( Figure 5 ). These resonant peaks are most clearly defined for the cylinder piece, with the response being the greatest on the cone, likely due to it being the excitation point and suffering an energy loss at the joint to the cylinder. These first seven resonant frequencies match reasonably well with the FE model given that the ballast tanks were not included in the FE model. Further inspection of the mode shapes reveals that those predicted by the FE model are also observed in the measurement. At 690 Hz, the system exhibits a strong resonance at the cone piece. This is believed to be due to an internal resonance in the mounted PMA system which acts as a cantilever beam, exciting a local bending mode. The resonant frequencies and mode numbers are listed for both the measurement and FE model in Tables 2 and 3 respectively, and plots of each of the mode shapes are given in Figure 6 . Mode numbers are defined as (n, m) where n corresponds to the circumferential mode number, and m to the radial mode number, and a scaled frequency is given to relate the result to a full sized submarine (33 ). Modes 3 and 4 in the measurement are unique from the FE model: they are strongly asymmetric and observe a minimum displacement at the bottom of the structure (180 degrees) where the weights are located (Figure 7) . Despite their chaotic appearance, they are of (1) (2) (3) (4) (5) (6)
Leader et al. mode shapes, however no out of plane modes were observed in the FE model, and the bending mode seems to be consistent in both the measurement and FE model (Figure 6e ). Modeling the effect of bulkheads and ring stiffeners is expected to increase the observed resonant frequencies through the added stiffness, and alter the mode shapes. Over prediction of the natural frequencies is also expected by the FE model since damping was not included. The first breathing mode (0,1) was predicted at 955 Hz (mode 12, not pictured).
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Mode shapes seen in the physical experiment which do not appear in the finite element modeling result. 
INVESTIGATION INTO SOUND RADIATION OF THE VIBRATING STRUCTURE
For the experimental investigation into sound radiation in-air, the same configuration is used as the vibration experiment ( Figure 3 ) except with an external microphone array used in place of the accelerometers. Analytically, the acoustic field generated by the vibrating structure can be analyzed in terms of the surface displacements through the Helmholtz integral equation [11] :
where is the coordinate on the surface, is the coordinate external to the surface, is the normal displacement on the surface, is a vector normal to the surface, is the density of the fluid, is the surface, and
is the free space Greens function. Equation 2 is usually discretized using a surface mesh thus solving the exterior pressure field numerically using the boundary element method. The breathing mode at 955 Hz shown in the FEA is expected to be a strong radiator of sound under pure excitation, yet no such peak in the sound pressure measurement was observed in the 100 to 1000 Hz range tested. The reason for this is unclear. 
Results of Sound Pressure Measurement
The spatially averaged sound pressure generated by the white tonal sweep (acceleration) shows resonant peaks at frequencies which resemble those observed in the vibration measurement (Figure 8 ). The sharpest peaks at 185 and 246 which correspond to the first two modes of vibration. At the other sound pressure resonances, the peaks are broader and thus the frequencies are slightly changed -as a result of different receptances: the PMA has been used instead of the hammer impact. The maximum sound pressure level (SPL) resonance corresponds to the first bending mode -the most efficient sound radiator. The higher frequencies have a larger vibration energy. It is the force which is 'white' rather than velocity, and it is expected that the exciting force of interest due to propeller induced vibration will be greatest at the lowest frequencies. Some examples of the directivities observed are given in Figure 9 . The first two modes (185 and 251 Hz) have a strong directivity at the bow of the structure, thus indicating that the dome is being driven as an efficient radiator through the axial excitation. The excitation in this direction is not normal to the accelerometers which were placed on the structure, and therefore has not been accounted for in either the FE model of hammer test. The asymmetry of the measured bending mode shows in its sound pressure measurement. Here the XY plane is defined as parallel to the floor of the anechoic chamber looking from above, and the YZ is defined as looking side on at the model.
Previous papers had expected directionality using the analytical solution of the Helmholtz equation or solving it numerically using the BE method. There are no clean shapes observed in these modes as they are not breathing modes and exhibit asymmetries. If the model was ideal and symmetric then the XY and YZ directivity patterns should be identical. Some similarity can be seen, however the patterns are not as clear in the YZ perhaps due to the asymmetric vibration mode shapes due to the mounting system and equipment. The semi-sphere is perhaps not expanding uniformly, but instead favors the direction of axial excitation. Another factor to consider is the quality of the anechoic chamber at low frequencies.
The effect of fluid loading is expected to decrease the resonant frequencies through a heavy mass loading, and to incite an additional viscous loss, broadening and lowering the resonant peaks. This is included in the evaluation of the Helmholtz Integral Equation (Equation 2) in its analytical form or numerically through a BE method. 
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CONCLUSIONS
This paper has shown how the geometry of a practical structure can affect its natural mode shapes and sound radiation patterns. Mode shapes which were not breathing modes dominated the low frequency vibration and sound spectra. Excitation by the PMA showed how the strong excitation of circumferential modes was present in the nominally axial excitation. Future work will use a BE model driven by the measured velocities to compare to the measured sound pressure field. The vibration experiment will be repeated using the proof mass actuator as the excitation device for a more direct comparison to the sound field measurement in addition to the hammer impact test. The two greatly asymmetric mode shapes which were not predicted using FEA contributed significantly to the low frequency sound radiation and thus taking into account the effect of the end masses should also be pursued. A water tank test will shortly follow to provide evidence of the fluid loading effect.
